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Abstract

Traditionally, active control of planar structural radieg has approached the problem through integrating
sensors and actuators on or into the structure. In such amagp the goal is to modify the systems
response to disturbance, rather than influence the distoebaath to the radiating structure. Many practical
issues exist, which ultimately limit the effectiveness ofls an approach. A general problem in industry is
noise radiation from a structure housing a rotating dewidegre the rotating device creates the disturbance.
In this project we have attacked the problem by seeking toaedhe force transmission in the path, which
is the root cause of the sound radiation, rather then thetiisr on the radiating surface itself. It is hoped
that higher levels of attenuation may result. Presentee &wer some of the design requirements to integrate
an active bearing, possible control approaches and prediypiexperimental data.

1 Introduction

Traditionally, active control of planar structural radieg has approached the problem through integrating
sensors and actuators on or into the structure [2, 6, 7, 17 ir8the error side the approach is then reliant
on the ability to obtain a signal which closely relates toiattl noise. On the control side the attenuation
is achieved by altering the radiation efficiency of the g in a variety of ways. In such an approach,
the goal is to modify the systems response to disturbanteerréhan influence the disturbance path to the
radiating structure. Many practical issues exist, whi¢gimately limit the effectiveness of such an approach.
In practice, the complexity of industrial machines oftesules in a large number of radiating surfaces.
Controlling each surface is difficult, while controlling alsction of them can not guarantee a global noise
reduction. Therefore, the first goal of this research is Westigate the possibilities of reducing the force
transmission in the path, which is the root cause of the swad@tion, rather than the vibration on the
radiation surface itself. By measuring and controllingseloto the source, we hope that higher control
authority will result. Moreover, in such an approach gre@geels of disturbance attenuation for less power
consumption within actuators can result [5, 11]. The seaqwal of the research is therefore to integrate the
sensors and actuators closer to the actual source of thenteavdisturbance and in a single unit capable of
being sold as an off the shelf product.

A general problem in industry is noise radiation from a e housing a rotating device, where the ro-
tating device creates the disturbance. Past researcloaliypon gearbox noise, has tackled this problem
by applying, secondary, control forces directly to the sf&f9, 10, 14, 15, 20, 23]. While this approach
has been shown to reduce shaft vibrations, a more elegaritosoivhere the active elements (sensors and
actuators) can be fully integrated into a wide range of rotal devices is sought. At this point active mag-
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netic bearings [12, 13, 16] are readily available, howekiey thave several downsides. Firstly, the system
must always be turned on as the magnetic bearing is setfiagigand the coils require some power to run.
Furthermore, a passive (when turned off) magnetic beasingry poorly aligned. Hence, magnetic bearings
typically have high power consumption and little systenurethncy. Secondly, is their limited specific load
capacity. This is defined as the ratio of the maximum sudbégriaearing force divided by the self-weight of
the bearing. No present day magnetic-bearing exceeds {@@tilthe exception of sets which have forced
cooling) [1, 19, 22].

In this article we present some of the design requirememta feew, fully integrated an active bearing, and
explore a simple control approach. Simulations and prelamyi experimental data of the system is presented.

2 Design of an experimental set-up

The first step in the research is the design and implementafi@an experimental set-up. It is used to (i)
test the integrated sensor/actuator system and to (iiuatealthe control strategies after simulation. The
design consists of two phases. In a first phase, a “passigeérsyis designed, which contains no sensors
or actuators (or room for) which are required for active cointThe second phase is the design of an active
bearing, which is integrated into the passive system.

2.1 The passive system design

The system is defined “passive” as it contains no sensorstaatacs. The system is then simply a rotating
shaft attached to two stiff plates (each housing a bearingich in turn are attached to a base plate. The
hypothesis of the design is that vibration induced in thdtsidae to an unbalance, or to gear meshing, is
then transferred to the panel exciting it's vibration modesl producing sound radiation: akin to a wide
range of practical problems (eg gearbox housing noise).

Within the design several key points were taken into comatten. Firstly the alignment of the axis is crucial
and this was taken care of by manufacturing the bearing hateseach of the stiff plates (housing the active
and passive bearings) attached together. Secondly we ainmeidiimizing any secondary paths to the panel.
The primary path for disturbance is be from the shaft thraihghbearing and plate attached directly to a thin
panel. Of course there may be some problem realizing thiseasther plate/bearing is connect to the panel
firstly through the stiff base and then the plate with panglchied. Thirdly we wished to be able to create a
secondary disturbance, one independent to the rotatipealdsof the shaft. This was incorporated into the
design via a simple bearing and housing which can be attachibe shaft. The location of the bearing was
chosen to maximize the amount of disturbance experienctitediearing closest to the attached panel. It
is straightforward to show that the ratio of the disturbaagperience at each bearing due to the additional
disturbance is equal to the ratio of the reciprocal distdrara the bearing to the disturbance location. Then
to minimise any secondary paths the disturbance should bse as possible to the plate with the panel
attached.

Another key point is the clearance in the bearings, whichdcoause nonlinearities in the control design and
compromise the actuator stroke, since the bearing is sduztween actuator and shaft.

Finally, the radiating panel is thin, with several resorembelow 1 kHz, the maximum frequency of interest
in this work. Other parts of the set-up are thick and stiffpider not to resonate below 1 kHz.

Figure 1 shows a top view of the completed passive set-up.
2.2 The active bearing design

The general principle of the active bearing is a regularibgawhich can be influenced by two perpendicular
piezo actuators each coupled with a pre-loading springliusrated in Fig. 2. Holistic and individual
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Figure 1: Top view of the passive set-up.

aspects of the active bearing design were motivated by alekey characteristics which the design needs
to meet: the general prosthesis is that piezo ceramic staitkise used as actuators, with the option of a
collocated piezo sensor. The design of the active bearegnfust then be capable of:

e Constraing/locating the piezo actuator/sensor;
e Transmitting all of the actuator force to the active begramd

e Isolating the piezo actuator/sensor from all shear forces.

A leaf spring design was chosen to supply the first two requatearacteristics. A hinge spring, in series
with the leaf spring was chosen to meet the last requirenvemite not jeopardizing the second). A further
requirement for the leaf spring is to provide a high rotagiastiffness ratio (with respect to the hinge spring)
to ensure that it is the hinge spring which deflects, for tetims of the bearing, rather than a buckling of
the leaf spring. If the ratio is not large enough and the lpahg undergoes buckling, a bending load will
be introduced to the piezo. This must be avoided as piezotstas are extremely weak under shear loads
and life times are drastically reduced. Further detail$iefdesign are examined later in the paper.

“Active bearing”

~

Support structure

Figure 2: Schematic of the active bearing.

3 Active bearing sensing strategy

In the preceding sections we have discussed the benefitagihgeand actively controlling unwanted vibra-
tions close to the source. In the system under consideratlearly, the force transmission path from the
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shaft; through the bearing; support structure; and intodadeting panel enables energy/force transfer caus-
ing the unwanted sound radiation. It then seems straighdfial that the force between the bearing/support
mass should be measured and minimised, reducing soundioadi&ractically this is easily realized in a
collocated manner with a piezo electric stack where the rityjof the stack is used as an actuator and the
remainder as a sensor. However, with the end goal being atredun sound radiation the approach is not
as straightforward as force transmission reduction: thehaxgisms of force to induced vibration; and then
vibration to sound radiation also need to be taken into agcou

The typical control strategy for such a collocated systertegral force feedback control, is examined in
simulation. This control approach is attractive as it iaigintforward to implement, and the system is always
stable due to the collocated nature of the sensors and axgydt 21]. In the following section the strategy

will be examined in simulation.

4 Simulations

In the following simulations we investigate the collocatsahtrol and sensing of "force" for a proposed

active bearing. The goal of the section is to design the d#oas of a piezo actuator. lllustrated in Fig.

2 is a schematic of the system and active bearing. The twortapofeatures of the active bearing design
illustrated are: the pairs of piezo actuator/sensors aadagad spring (on the opposite side of the bearing
to the sensor actuator). In the simulations we seek to olataiidea of the achievable reductions in two
quantities: velocity; and force - all within reasonable @nactical efforts of the actuator.

A schematic of the dynamic system is illustrated in Fig. 3. model the first panel vibration resonance
frequency, a mass spring system is joined to the support.fiiigsmass and stiffness of this element where
chosen to give a resonance frequency below that of the dmtigeng (this reflects the actual system). For
the purpose of the simulation, directionsagf, x5 andzs are the same.

“1 |
Shaft mass

Xi VWA

Bearing frame mass

Frame support
stiffness

Figure 3: Schematic block system of the active bearing.

A schematic of the modelling process is illustrated in Fig-The integration of all states and inputs which
affect the dynamic behaviour of the actuator and sensoratepour model.

4.1 Piezo actuator/sensor model

An important part of our model is the integration of the pieatiage-to-mechanical dynamics into the model
because voltage is the input to the system. Based on the w@&wwos [3]; consider Fig. 5(a), whefg, is
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Figure 4: Feedback system of the simulations.

A

the equivalent mechanical stiffness andis the equivalent electrical stiffness of the piezo actuaitese
are defined as:

A
m = 1

whereA is the cross sectional area of the actuaiéirjs the elastic compliance constant at constant electric
field m? /N and! the length of the actuator;

A2
ke =1L 2
= @

where Ay is the relation of the equivalent fordg,, and the voltage over the piezo actuator, which is equal

oA = %, wheree is the piezoelectric constanf'(m?) . In Equ. 2,C, is the clamped capacitance, equal

to %, wheree® is the dielectric permittivity at constant strain of thezme

The equivalent mechanical model shown in Fig. 5(b) can beribesi mathematical then by,

ke(xin - xp) =F (3)

and

(4)

(@) Mechanical model of a pieabd) Mechanical model of a piezo
actuator actuator including it's own mass

Figure 5: Mechanical modeling of the piezoelectric actuato

The model of the piezo actuator illustrated in Fig. 5(a) isntlsubstituted for the piezo elements shown
between the shaft mass and bearing frame in Fig. 3.
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4.2 Simulated control

In this section we simulate integral force feedback as th@robapproach in our system, implemented in
a collocated fashion. The "error" signal which is then meadwand minimised is the force between the
bearing/shaft and the support structure since it is theeftr@nsmission between the shaft and the support
which we wish to control. The piezo stack between the supinrtture/shaft applies the secondary, control,
force into the structure. A piezo stack of length 17mm andgsectional area of 5mm by 5mm is used in
the simulations. Table 1 lists the system properties uséukeisimulation.

Property Value
Distrubance force on the shaft,,,,;. 10N
Shaft massy, 2.5kg
Support massy, 20 kg
Extra massing 1.9 kg
Piezo dimensions 17mm x 5mm x 5mm
Piezo material stiffnessy 50e9
Piezo dielectric displacemeritzs 2.37e9%
Piezoelectric constantzs 14.7%
Support connection stiffness 375e3 Nm
Extra mass connection stiffness 5.9e9 Nm
System damping ratio 0.02

Table 1: Values used in the simulations.

lllustrated in Fig. 6 is the response in the system for thifferdnt control gains/ (plotted with a solid
black, grey and a dashed black line). The control gain wasgdmdh from 1, 10 and 100. lllustrated in
Fig. 7 is the corresponding voltage amplitude of the corgmlrce based on these gains. Observe that the
controller has been able to damp the motion of the panel antbtice transmission at the frequency of the
shaft/bearing mode (the higher of the two resonance peakahdaut 35 dB. However, virtually no affect on
the other resonance (which correspondsitpand the stiffness of it's connection to the support mass) can
be noticed.
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Figure 6: Variation in the system for increasing the congaih K.

Overall the case of broadband excitation highlights séywetical issues when considering such a simple
control law when implemented in a collocated way. Firstiierw the dominant frequency in the collocated
force sensor (a measure of the force transmission from g&haftucture) has little frequency content of the
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Figure 7: Voltage amplitude sent to the piezo actuator.

quantity one actually wants a reduction in; only very largatool gains will create a reduction of the desired
quantity for simple integral force feedback.

Secondly, the control affect is greatest at low frequendigs is because the control effort for an integral
control law is greatest at low frequencies, with the rolladfined byl /s in the frequency domain.

Finally, and most importantly, the simulation resultsstiate that the chosen piezo actuator will have control
authority on the force transmission from the shaft to thepsupstructure.

Based on the positive results in this section, we integrdtedequired length of the piezo actuator/sensor
into the design requirements for the active element (ligteSlection 2). lllustrated in Fig. 8 is a sketch of
the final design of the active bearing, observe four blocle$i@hich will contain two piezo and two spring
pairs. The spring is to apply a pre-load force to the systeime dystem is designed for an outer bearing
diameter of 72 mm and a shaft diameter of 35 mm. The bearingl@ésthy a ring which is attached to the
remainder of the element through four sets of double hingegpin-turn attached to a leaf spring.

The active element is made up of a carefully selected beavitigtwo piezo actuators and two collocated
piezo force sensors, captured in a monolithic design. Theatms are placed at an angle of 90 degrees to
enable control in all radial directions. Coupling betwe@thbactuators has been minimized in the design
through the use of leaf and hinge springs. Prestress smiegacorporated into the design to allow actuators
to work bi-directional (expansion and contraction).

5 Passive setup initial experimental results

In this section we examine the passive setup to get a feadinthé setups dynamic characteristics; and to
illustrate the principle of disturbances induced on theftstaeating structural vibration on and radiation
from the panel.

Experiments are in several parts, firstly for a non-rotaghgft we induce a disturbance force to the shaft
via a electromagnetic shaker. Secondly, we rotate therayate couple of discrete speeds. In each case we
measure the vibration on and the acoustic response fromatied.prhe purpose here is to show that there is
some relation between structural vibration and the pamelgtion in the designed system. That is, merely
to show that for the designed arrangement; the panel waatirigrand at some it's modes it was radiating
noise very well. To show this, we carefully placed the acoetester away from any obvious nodal lines (to
try and allow measurement of as many modes as possible)adinfor the microphone (not in the direct
center of the panel). The end result is then a spectrum witiequeaks and troughs in both the vibration
and acoustic domains - with clear overlap. Before the "attpart of the project was examined we needed
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Figure 8: Sketch of the active bearing assembly.

a setup where we could aim to reduce vibration on a panel (wiuas vibrating and radiating noise), at the
source of the disturbance, which was away from the pandi.itse

lllustrated in Fig. 9(a) is the frequency response of thekatation of the radiating panel. Observe the first
modal frequency of the panel at 212 Hz and between this and akarge number of other structural modes.
lllustrated in Fig. 9(b) is the frequency response of theebanund radiation measured at a meter from the
panel. Observe that the panel radiates noise clearly andthall of the vibration modes radiated well.
However, there is a good number for demonstration of actbigencontrol.

Panel vibration Pressure/force input transfer function
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Figure 9: Frequency response of the panel for shaker excitat

lllustrated in Fig. 10(a) is the acceleration measured erptinel for a rotational speed of 1500 rmp. Clearly
observable is the peak in vibration at 25 Hz which corresporitie rotational speed of the motor. Observe
also that several of the panel modes are also excited. Showigi 10(b) is the radiated sound pressure
for the same rotation speed. Observe that a few of the pand¢smadiate well. Other frequencies are also
present.



ACTIVE NOISE CONTROL 219

Panel vibration Panel sound radiation
20 T T

18

16

Amplitude (dB)
=
o
Amplitude (dB)

0 200 400 600 800 1000 0 200 400 600 800 1000

Frequency (Hz) Frequency (Hz)
(a) Panel acceleration (b) Panel radiation

Figure 10: Panel dynamics with the motor running at 1500 rmp.

6 Active setup initial experimental results

In this section we examine the dynamic properties of theva@iement in two arrangements. In the fist, an
aluminum shaft is mounted, with a tight fit, into the eleméntthe second arrangement, the active element
is mounted with bearings and shaft and attached to the systewn in Fig. 1.

In this arrangement the dynamics of the bearings are no¢pramaking it clear to view the dynamics of the
active element itself. To test the level of cross couplingvMeen the two perpendicular elements we apply
noise to each actuator and measure the frequency respahsepatrpendicular sensor and compatre it to the
collocated response. lllustrated in Fig. 11(a) and 11(khéscollocated system transfer function and the
cross coupling for both axes. Observe that the design spetiifn of a minimization of cross coupling has
been achieved, especially at frequencies below the potegaer of the system. The importance of this, is
that each axis of the system can be controitetependently

Transfer function, excitation with actuator 1 Transfer function, excitation with actuator 2
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Figure 11: Collocated transfer function and cross cougiimgeach actuator axis.

In a bid to replicate the simulation results in the previcerti®on an integral force feedback control algorithm
was implemented when the active element was mounted witlingsaand shaft into the full system (Fig.
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1). The motor was running at a constant speed of 1500 rmpatawél frequency of 25 Hz. No additional
disturbance was added. Shown in Fig. 12(a) and Fig. 12(bgiefror signal data in the top and side sensor
respectively, before and after control. Observe a 7 dB rasluat the rotational frequency of the shaft (25
Hz) and a general reduction of the force at frequencies b2@ivHz.
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Figure 12: Error sensors with and without control, exaitatirom rotation.

Plotted in Fig. 13 is the vibration measured on the panelrbedad after control. On closer examination we
have observed that while there is a reduction achieved at $mguencies, none is achieved at the excitation
frequency - the frequency which corresponds to the rotatfmed of the motor. This results suggest that
there is a secondary path transmitting vibration to the lpamestly likely the secondary “passive” bearing.
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Figure 13: Panel vibration with and without control.

7 Conclusions

An active bearing, for the control of force transmissiors haen designed and discussed. Firstly we designed
and built a passive system which illustrated that the etoitamechanisms we will employ on the active
system produced sufficient sound radiation.
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Based on a set of simulations we have selected a piezo actbitth has adequate control authority over
force transmission between the shaft and support stryatitigout being to bulky.

We have presented a set of general design requirements &mtiga bearing. Through experiments we have
illustrated that a very low level of cross coupling withirettwo control axes of the active element has been
achieved.

In control experiments we were able to produce large redihegis force measured within the active bearing.
However, no reduction was measured on the panel. This iy likbe due to a secondary transmission path
of force from the shaft to the panel. It is most likely that gerondary, “passive”, bearing provides the
secondary transmission path for force.

Future work will concentrate on examining the secondary jpat force transmission from the shaft to the
panel and more advanced control strategies.
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